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Longitudinal rectangular fins loosely clamped to vertical tubes markedly increase the film 
condensation heat transfer coefficient. At a heat flux of 2 X 104 B.t.u./hr.sq.ft., twelve 1/8 
x 0.013 fins clamped to a '/i in. O.D. vertical tube 42% in. long (thus doubling the surface 
area of the tube) gave a condensation coefficient of 15,000 k 15% B.t.u./hr.sq.ft. "F. com- 
pared with 1,620 B.t.u./hr.sq.ft. O F .  for the same tube without fins, a ratio of h/ho of 9.2. 
The enhancement of the film condensation coefficient decreases as the heat flux increases 
and as the number of fins decreases. 

A model based on the effect of fin shape on film and rivulet hydrodynamics explains the 
observed behavior, 

Film condensation characteristics of vertical tubes with 
grooved surfaces [that is, fluted tubes (1 to 4 ) ,  Figure 11 
are markedly better than those of smooth tubes. The in- 
crease in the heat transfer coefficient is due to the ex- 
tremely thin liquid film remaining on the crest of the 
flutes as the bulk of the condensate is drawn to the 
troughs where it flows rapidly down the tube. The flow of 
condensate from the crest to the grooves is induced by 
surface tension forces which are developed whenever the 
liquid-vapor interface is not plane. The magnitude of the 
surface pressure difference across the interface between 
vapor and liquid is given by Laplace's formula ( 5 )  

pi - p z  = CT (1/Ri + L'Rz) (1) 
with greater pressure in the medium whose surface is con- 
vex. The shape of the fluted tube surface was believed 
(1 ,  2 )  to be a critical factor in developing the surface ten- 
sion force which draws the condensate from the crest to 
the troughs of the flutes. Therefore, considerable care was 
necessary in the design and fabrication of the fluted sur- 
face. The procedure (1 ,  4 )  for calculating the surface 
profile was to combine Nusselt's equation for flow in a 
thin film with ( 6 )  with continuity equation and the con- 
densate growth equation for a small circumferential ele- 
ment of surface profile. Then by assuming the pressure 
gradient from crest to trough was given by Equation (1) 
and that the condensate film thickness was a constant over 
the profile of the fluted surface and initial values for the 
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Fig. 1. Profile of surfaces for enhancing film condensation (not to 
scole). 

crest radius of curvature and the film thickness, the re- 
mainder of the surface profile was calculated by numerical 
integration. With these assumptions, the positive pressure 
at the crest of the flute was calculated (1) to be substan- 
tially larger than the negative pressure in the trough. 

The discovery (7) that small longitudinal wires loosely 
attached to vertical condenser tubes causes a pronounced 
increase in the rate of film condensation made it clear that 
a fluted contour of the solid surface was not necessarily 
a critical factor in inducing three dimensional motion of 
the condensate by surface tension effects. The object of 
this study was to extend the previous studies with round 
wires to shapes of rectangular cross section (that is, longi- 
tudinal fins) in order to develop a surface which was 
easier to manufacture and at the same time to maximize 
enhancement of the rate of heat transfer and minimize 
flooding effects. 

SIMPLIFIED MODEL 

Enhancement of film condensation by modification of 
the surface profile of the tube requires that all surfaces 
exposed to vapor be wetted by condensate. Then, when 
the initial steam condenses on the finned tube surface, a 
thin film covers both the tube and the fin. At the junction 
of the fin and the tube, the surface of the water film is 
curved. Because of surface tension, there is a difference in 
surface pressure [given by Equation ( l ) ]  between the 
fluid in the corner and the fluid on the tube surface which 
causes fluid to flow from the tube surface to the comer. 
The bulk of the condensate is rapidly carried down the 
tube as a small rivulet flowing along the fin, leaving only 
a very thin film on the remainder of the surface of the 
tube where very large condensation coefficients can occur. 

In a previous paper, (7) a model was developed which 
described the dependence of film condensation enhance- 
ment by longitudinal wires on a number of wires and heat 
flux. The principal assumptions on which the model was 
based are: 

1. Flow can be divided into a rivulet flowing along the 
wire and a thin film over the bulk of the tube. 

2. Because the wires were not in good thermal contact 
with the tube, there was negligible heat transfer beneath 
the wires and the rivulets. 

3. The pressure gradient which draws the fluid from 
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the surface to the rivulet in the fin corner is proportional 
to the right side of Equation (1). Then by combining a 
mass balance, dimensional analyses and knowledge of flow 
in thin films and rivulets, (6, 8) it was possible to develop 
an expression for the ratio of condensate film thickness 
without wires to film thickness with wires (and hence the 
enhancement of film condensation coefficient as a function 
of heat flux and number of wires) which contained only 
one empirical constant: 

-=[ h ( l - - - - )+a(- )  2.5Nd Nd 512 

ho l7D 

with a = 1.7 (k0.3) a: 10-6. The terms in the square 
bracket on the right give the ratio of condensate film 
thickness without fins to the condensate film thickness 
with fins and the term in the round bracket on the far 
right is a correction for the amount of tube over which 
heat transfer was negligible due to the wires and rivulet. 
Equation (2) fitted the data extremely well except at the 
highest heat flux where flooding might be important. 

The numerical coefficient 2.5 in the terms on the right 
of Equation (2)  was obtained assuming the radius of 
curvature of the water rivulet is a constant fraction of the 
wire diameter, independent of the heat flux. The empirical 
constant a contains average numerical coefficients from 
expressions for hydraulic diameter, laminar friction factor, 
and radius of curvature of the water rivulet as well as the 
unknown factor relating the surface tension to the pres- 
sure difference which draws the condensate from the tube 
surface to the wire. Because the wires were all cylindrical, 
(7)  all these terms could be lumped into the one coeffi- 
cient, a. (Note that, although the three dimensional flow 
equations can in principle be solved for free surface flows 
in which surface tension and temperature gradients are 
included, such solutions have not been obtained. The main 
obstacle is that the surface tension must be a plied as a 
boundary condition to the free surface ( 5 )  an B the shape 
of the free surface is the major unknown determined by 
the surface tension.) 

In the following sections the model developed in the 
previous paper (7) will be extended to account for the 
effect of fin shape (rectangular or cylindrical) and con- 
densation rate on rivulet dimension. Such an extension 
will permit estimates of flooding conditions as well as 
predicting heat transfer enhancement. A test of whether 
fin and rivulet geometry factors have been satisfactorily 
accounted for will be whether the coefficient relating sur- 
face tension and pressure drop is the same for both cylin- 
drical and rectangular fins. 

The additional assumption required to extend the model 
are that the shape of the surface of the rivulet is cylindri- 
cal, that substantially all of the condensate flow is in the 
rivulet and that the thickness of the film is small compared 
to the radius of curvature of the rivulet. Then by defining 
I as the distance between fins over which large heat trans- 
fer coefficients may be expected, we obtain 
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using the same terminology as the previous paper (7).  
An approximate expression for the radius of curvature 

of the rivulet at the end of the tube may be obtained by 
equating the condensate camed off per fin to the volu- 
metric flow rate in the rivulet, noting that there are two 
rivulets per fin 

h D  
VA A1 ( 5 )  -= 

2PN 
For laminar flow in the rivulet, the friction factor is given 
bY 

(6) 
f=-=- T W  a 3  

PfVA’ DHVA - -  
2gc V 

In the absence of drag at the free surface, the wall shear 
stress must support the total body force on the rivulet; 
that is 

Combining Equations (6) and (7 )gives 

By definition 
DHP 

4 
A1 =- 

(7) 

From the geometry assumed for the rivulet along rec- 
tangular fins, DH = 0.43R and P = 2R; a value of a2 = 12 
was estimated from studies of Fulford ( 8 ) ,  and Gunn 
and Darling (9). Then after accounting for the growth 
of the rivulet along the fin and assuming that the thick- 
ness of condensate on the fin projection was 10% of the 
radius of curvature, the value for the average radius of 
curvature from Equations (5), (8), and (9) is 

Parameters for rectangular and cyindrical fin cross sec- 
tions are summarized in Table 1; the cylindrical fin param- 
eters were estimated with the same assumptions as those 
given above for rectangular fins. The final equations for 
heat transfer enhancement are obtained by combining 
Equations (3), (4), and (10) and the values in Table 1. 

TABLE 1. PARAMETERS FOR CYLINDRICAL AND RECTANGULAR 
FIN CROSS SECTION 

DH 
P 
ff3* 

Rectangular 
fins 

0.430 
2 R  
12 
1.6 
8.2 x 10-3 

Estimated from References 8 and 9. 
f Empirical value. 

Cylindrical 
fins 

0.214 R 
1.53 R 
7 
2.4 
8.2 x 10-3 

Rectangular fins 

XlChE Journal Po* 645 



Procedure and Calibration 
While the system was heating up, steam was vented to the 

atmosphere to remove noncondensables. When the system 
reached operation temperature, the vent was closed. Steady 
state was assumed to exist after the inlet and exit water 
temperatures and the condensate level in the sight glass had 
remained steady for at least one-half hour. Visual inspection 
of the tube surface indicated that dropwise condensation did 
not occur during any of the tests. 

Cylindrical fins 

" = [ 1 - ( 3 { 1 + 4 . 8 ( T D _ ) 1 / 4  h o  gLPNd4 } 

All unknown coefficients have been lumped into the one 
constant, /3, in Equations (11) and (12) which must be 
determined empirically. 

The sum of the first two terms in the brackets on the 
right of Equations (11) and (12) is always less than or 
equal to one and makes little contribution to the variation 
of h/ho for large values of h/ho. By differentiating Equa- 
tions (11) and (12) and setting the derivative equal to 
zero to find the value of Nd/wD for maximum h/ho gives 

Rectangular Fins 

Cvlindrical Fins 

substantially independent of the value of the empirical 
constant, 8. 

EXPERIMENTAL EQUIPMENT AND PROCEDURE 

The test section consisted of two vertical concentric tubes, 
a 1 in. I.D. x 43 in. long glass pi e with removable insula- 

and a % in. O.D. x 4 ft. long aluminum condenser tube 
with a 0.028 in. thick wall. The overall cooled length of the 
condenser tube was 42% in. The upper end of the condenser 
tube was connected to a steam chest maintained at a pres- 
sure of 4 to 5 Ib./sq. in. guage. The steam pressure was 
used to determine the steam temperature. Inlet and outlet 
fluid temperatures were measured with iron-constantan ther- 
mocouples inserted in baffled mixing chambers at the entrance 
and exit of the test section. Liquid flow rates were determined 
with a calibrated rotameter and condensation rates were 
measured by collecting condensate. The pressure gradient 
along the annulus was measured between the steam chest and 
the sight glass at the exit of the condenser tube. 

Finned Tubes 
The rectangular finned tubes were manufactured by clamp- 

ing the fins to the tubes at intervals. Because the fins had 
little rigidity, it was assumed that there was poor thermal 
contact between the fin and the tube wall over the bulk of 
the fin length. The clamps were U-shaped and were pinched 
against the fins every 4 in. along the fin. A ring was spot 
welded to the clamps around the outside of the fins to main- 
tain their relative positions. The clamps fitted over the outside 
edge of the fins in order not to interrupt the flow of the thin 
film down the tubes. The primary reason that the fins were 
clamped to the tube (rather than being an integral part of 
the tube) was to permit study of the hydrodynamic effects of 
rivulet formation as free as possible from any conduction 
effects through the fins. The fins were made from aluminum; 
dimensions were 1/16 X 1/16 in., 1/8 x 0.013 in., 1/16 
x 0.008 in.; the length was 40 in. 

tion to permit visual inspection of tR e mode of condensation, 

EXPERIMENTAL RESULTS 

Measurements of the overall heat transfer coefficient as 
a function of cooling water velocity were made for four 
different ranges of mean temperature differences, At, be- 
tween the condensing steam and the water coolant both 
with and without fins; typical values of At  were 7 to 8"F., 
11 to 13"F., 47 to 60"F., and 104 to 112°F.; the heat 
flux range was 2 x 104 to 105 B.t.u./hr. sq. ft. Wilson 
plots (that is, plots of the reciprocal of the heat transfer 
coefficient vs. the reciprocal of the cooling water velocity 
to the eight-tenths power) were prepared for constant 
heat fluxes from plots of heat transfer coefficient vs. heat 
flux. Assuming that the heat transfer resistances are addi- 
tive, the intercept on the Wilson plot is the resistance of 
the metal wall plus the condensate film (1 0 ) .  Since the 
resistance of the metal wall is known, the condensing heat 
transfer coefficient can be easily calculated. In all cases 
the heat transfer coefficient was based on the area of the 
tube alone (that is, the area of the fin was not included 
in the tube area for the heat transfer coefficient calcula- 
tion). 

Heat balances, expressed as the ratio of total rate of 
heat transfer from condensate, qcond, to total rate of heat 
transfer from axial temperature rise, qAT, were within 
2 5 %  for over 98% of the tests; the ratio qcond/qAT was 
1.00 with a standard deviation of 0.028. Forced convec- 
tion heat transfer coefficients in the absence of turbulence 
promoters were within -t12% of the Sieder-Tate relation 
(11) 

evaluated by the Wilson plot technique (10). Condens- 
ing heat transfer coefficients for the aluminum tube in the 
absence of wires (Figure 2) were in excellent agreement 
with Rohsenow, Webber, and Ling's (12)  and with Duk- 
ler's (13) correlation for film condensation on a vertical 
surface with appreciable vapor shear. The interfacial shear 
was calculated directly from measured pressure drop data 
by using Lehtinen's ( 1  5 )  recommendation for calculating 

m -- 
%& 

3- 

102 2 5 lo3 2 5 109 

Fig. 2. Comparison of finned and plain tube condensing coefficients 
with Rohrenow's theory for film condensation on a vertical tube. 

REYNOLDS NO (NRa = %I 
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Fig. 3. Effect of rectangular fins on the enhancement of the film 
condensation heat transfer coefficient [solid lines calculated from 
model, Eq. (11); dashed line is calculated optimum from Eq. (13 ) l .  

the average mass velocity of the vapor, and was in good 
agreement with Bergelin's (1 4 )  correlation for the friction 
factor for gas flowing in a tube with a liquid layer on the 
wall. 

Rectangular Fins 

The maximum increase in film condensing coefficient 
was observed with twelve fins. The results are shown in 
Figure 2 which also contains the smooth tube calibration 
data. The marked increase caused by the fins is evident. 

The relative enhancement of film condensation coeffi- 
cients caused by small rectangular fins is illustrated in 
Figure 3, in which h/h, (the ratio of experimentally 
determined heat transfer coefficients with and without 
fins) is plotted as a function of the fraction of the surface 
covered by fins, Nd/TD,  with the heat flux as a param- 
eter. The solid curves shown on Figure 3 were calculated 
from Equation (11) using a value for /3 of 8.20 X 
The dashed curve gives the value ( N ~ / T D ) . ~ ~  calculated 
from Equation (13).  

FRACTION OF SURFACE COVERED BY FINS INdhO) 

Figure 3 shows that the enhancement increases rapidly 
with number of rectangular fins until about 10% of the 
surface is covered by fins. The simplified model agrees 
well with the data up to this fraction of surface coverage 
and then predicts a rather broad maximum over which 
addition of more fins causes little additional increase in 
condensing coefficient. Figure 3 also shows that the effect 
of the fins is greater when the heat flux is smaller. The 
maximum film condensation heat transfer coefficient ob- 
served with rectangular fins was 15,000 B.t.u./hr. sq. ft. 
O F .  at a heat flux of 2 x lo4 B.t.u./hr. sq. ft. using twelve 
Ya X 0.013 in. fins. For these same conditions the con- 
densing heat transfer coefficient of the tube without fins 
was 1,620 B.t.u./hr. sq. ft. OF. (The fins had substantially 
the same surface area as the tube, thus the total surface 
of the finned tube was about twice that of the plain tube.) 
The maximum uncertainty occurred at the greatest en- 
hancement and was +15%. 

Flooding 
Flooding will occur when the amount of condensate is 

sufficiently great so that the capacity of the fin to carry 
off the condensate as a rivulet is exceeded; that is, flooding 
will occur when the radius of curvature of the rivulet is 
greater than the rectangular fin height (or greater than 
the radius of cylindrical fins). The radius of curvature of 
the rivulet may be calculated from Equation (10).  How- 
ever, calculations indicated that rectangular fin heights less 
than 1/32 in. would be required to observe flooding for 
tube dimensions and heat fluxes used in the present study. 
Because of fabrication difficulties with rectangular fins, 
additional tests were made with cylindrical fins similar to 
those used in the previous study (7) .  Figure 4 summarizes 
all of the data for rectangular and cylindrical fins plotted 
as [ (hexp/hcalc) - 11 vs. R / H  or R/(d/2).  The data 
scatter around [ (hexp/hcalc) - 11 = 0 for values of 
R/H or R/(d/2) < 1 but are consistently below zero for 
all values of R / ( d / 2 )  > 1. Thus Figure 4 demonstrates 
the internal consistency of the model and suggests that 
flooding will occur where 

Rectangular Fins 

Cylindrical Fins 

Fin Shape Comporison 
The effect of fin size and shape on the enhancement of 

the film condensation coefficient by four fins is illustrated 
in Table 2 for a variety of fins at  three different heat 

TABLE 2. EFFECT OF FIN SUE AND SHAPE ON THE ENHANCEMENT OF THE FILM CONDENSATION COEFFICIENT BY FOUR FINS 

h/ho 
Dimensions heat Flux, l O + 4  B.t.u./hr. sq. ft. 

Series Shape cross-section length Af/A 10 5 2 

1* Cf 0.032 &am. 40 1.24 1.57 2.03 3.14 
2 C 0.062 &am. 40 1.50 1.92 2.68 3.28 
3 R t  1/16 x 0.008 40 1.32 2.83 4.00 4.50 
4 R 1/8 x 0.013 40 1.64 2.45 3.12 4.07 
5 R 1/16 x 1/16 20 3 1.16 1.49 1.92 1.96 
6 R 1/16 x 1/16 201 1.16 1.67 2.56 3.50 
7 R# 1/16 x 1/16 40 1.32 3.53 4.20 4.90 

* Data from ( 7 ) .  
t C = cylindrical. 
t R = rectangular. 
5 Top half of tube. 
1 Bottom half of tube. 
# Fins brazed to tube. 
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Fig. 4. Effect of fin height on reduction of film condensation CO- 

efficient due to flooding of tube surface. 

flures. All of the full length rectangular fins gave 
greater enhancement than the full length cylindrical 
fins (7) when compared at the same heat flux (series 1 
and 2 vs. series 3, 4, and 7). The enhancement caused 
by 1/16 in. high rectangular fins was substantially the 
same as that caused by YS in. high rectangular fins de- 
spite the fact that the ratio (tube plus fin area)/(tube 
area) was 0.32 and 0.64, respectively (series 3 vs. series 
4).  As would be expected, four half-length fins on the 
bottom half of the tube gave greater enhancement than 
four half-length fins on the top half of the tube (series 5 
vs. series 6). Finally it is not clear whether the greatest 
enhancement was observed with the series 7 rectangular 
fins because of their good thermal contact with the tube 
or whether the good mechanical contact with the tube 
caused less hindrance to rivulet formation. 

Fluted Tubes 
Data for the enhancement of film condensation by fluted 

tubes (1 to 4, 16) and cylindrical fins (7) are compared 
in Figure 5 with the maximum enhancement values for 
rectangular fins found in the present study. Data for 
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Fig. 5. Comparison of the effect of fluted and finned tubes on the 
film condensation heat transfer coefficient. 

the present study were twice as long as the fluted tubes 
having the greatest effect on the condensing coefficient. 
It is of interest to note that the number of fins or flutes 
per inch of tube circumference (last column of Table 3) 
for the high performance surfaces are the same order of 
magnitude. Furthermore, by using the values of fraction of 
fluted tube surface over which the heat flow is concen- 
trated as quoted in the fluted tube papers, (1, 16) the 
numerical constant, 8, for fluted tubes calculated from a 
simplified model analogous to Equation (4) of the present 
paper, was substantially the same as that found for the 
rectangular and cylindrical fin geometries. 

TABLE 3. COMPARISON O F  OPTIMUM FINNED AND FLUTED TUBE GEQMETFNES 
No. of fins or 
flutes per in. 

of circumference 
N 1  

9- length, ft. O.D., in. Crest to trough, in. or flutes, N scV in. 
Tube Total no. of fins - 

Rectangular Fins 3.54 0.50 0.125 
Cylindrical Fins* 3.54 0.50 0.030 
Gregorig (1954) 1.72 0.75 0.023 
Lustenader (1959) 2 3 0.034 
Christ (1962) 13.1 f t 
Carnavos (1965) 1 3% (0.049) 

*Thomas (1967). 
f Not available. 

( Values in parentheses are estimated from drawings or photographs). 

various tube geometries are given in Table 3 and the 
shapes are illustrated in Figure 1. The heat transfer co- 
efficient data from the present study and from the study of 
Lustenader ( 2 ) ,  and Carnavos ( 3 )  are based on the 
nominal tube diameter; insufficient data were given in the 
other papers (1, 16) to determine the basis for their heat 
transfer coefficient calculations. 

Figure 5 shows that at any given heat flux the present 
data for rectangular fins compare favorably with the 
fluted tube data despite the fact that the tubes used in 

7.6 
7.6 

12.2 
17.2 
t 
7.5 

CONCLUSIONS 

Vertical rectangular fins loosely attached to a vertical 
tube were found to increase the film condensation heat 
transfer coefficient by greater than a factor of nine at a 
heat flux of 2 x lo4 B.t.u./hr. sq. ft. Fins with rectangu- 
lar cross section gave markedly greater increases in per- 
formance than fins with circular cross section (7). Two 
factors which are believed to be important in causing this 
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difference are the smaller resistance to rivulet flow in the 
comer of the rectangular fin to tube junction (as com- 
pared with resistance to rivulet flow at the cylindrical fin 
to tube junction), and the smaller fraction of tube surface 
blocked by the rectangular fins as compared with cylindri- 
cal fins, thus making more tube surface available for the 
high transfer, thin film mode of condensation. The fact 
that the curvature radius of the rivulet of waters free 
surface is determined by the requirement that the sum of 
the internal and surface free energy be a minimum (5) ,  
and the fact that the constant value for the empirical co- 
efficient B in Equations (11) and (12) (see Table 1)  
for two different fin shapes, support the belief that the 
shape of the fin is not an important factor in developing 
the surface tension force responsible for drawing the bulk 
of the condensate to the vicinity of the fin where it flows 
rapidly down the tube. 

Loosely attached (clamped) fins were chosen for this 
study to permit evaluation of the effect of rivulet forma- 
tion with as little interference as possible from conduction 
through the fins. However, the data for brazed fins in 
Table 2 indicate that integral fins may produce a greater 
increase of the heat transfer coefficient than loosely at- 
tached fins. Additional studies are required to determine 
the magnitude of the conduction effect. 

Rectangular fins increased the average film condensa- 
tion coefficients to values comparable to those observed 
with fluted tubes. Rectangular fins possess two distinct 
advantages over fluted tubes which are formed by fluting 
the surface of a thick walled tube or by fluting both the 
interior and exterior surface: 

1. The thin film, high heat transfer mode of condensa- 
tion occurs on the finned tube surface in the region be- 
tween the rectangular fins. Thus, the thickness of the 
metal tube (and hence the resistance to heat transfer) 
can be minimized consistent with the requirements of tube 
strength and corrosion allowance. In contrast, the thin 
film, high heat transfer mode occurs on the crest of the 
flute beneath which the thickness of metal is often a 
maximum. 

2. Finned tubes can be manufactured with a smooth 
inner surface of any other desired shape to take advantage 
of the optimum turbulence promotor configuration on 
that side of the tube for any given application. 
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NOTATION 

A 
Af 
A1 
B = cross-sectional area of film etween wires, sq. ft. 

d = wire diameter or fin width, ft. 
D = tube diameter, ft. 
DH = hydraulic diameter for rivulet, ft. 
f = Fanning friction factor, Equation (6), dimension- 

G: = mass flow rate, lb.,/sq. ft. hr. 
g, = conversion factor, (1bJlb.f) (ft./sq. hr. 
gt =t avitatiunal acceleration, ft./sq. hr. 
H = Eight  of fin, ft. 

= surface area of tube, sq. ft. 
= surface area of tube plus fins, sq. ft. 
= rivulet cross section area, s 8; fk 

C, == specific heat, B.t.u./lb.m 

less 

h = heat transfer coefficient with fins, B.t.u./(hr.) 
(sq. ft.) (OF.) 

= heat transfer coefficient without fins, B.t.u./(hr.) 
(sq. ft.) (OF.) 

= tube length, ft. 
= width of thin film between wires, ft. 
= number of wires or fins, dimensionless 
= Reynolds number, dimensionless 
= Prandtl number, dimensionless 
= pressure, lb.f/sq. ft. 
= wetted perimeter for rivulet, ft. 
= heat flux, B.t.u./(hr.) (sq. ft.) 
= radius of curvature, ft. 
= velocity, ft./sec. 

Greek Letters 
01 = constant in Equation (2) = 1.72 x lods, di- 

011 

a3 
a4 
/3 

r 
p = viscosity, lb.,/(ft.) (sec.) 
v 
rr = 3.1415.. . 
p 
u = surface tension, lb.f/ft. 
T,,, 

Subscripts 

A = area A1 
B = area B 
calc. = calculated from Equation (11) or (12) 
exp = experimental value 
f = fluid 
opt = optimum 
w = wall 

mensionless 
= constant in Equation (4) ,  dimensionless 
= constant in Equation (6), dimensionless 
= constant in Equation ( l o ) ,  dimensionless 
= constant in Equations (11) and (12) = 8.2 X 

= mass flow per unit perimeter, lb.,,,/(hr.) (ft.) 

= kinematic viscosity, sq. ft./hr. 

= density, lb., cu. ft. 

= wall shear stress, lb.f/sq. ft. 

dimensionless 
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